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a b s t r a c t

The phenomenon of fluid-induced instability existing in fluid-film bearing systems has been coped with
for long time. The study aims to soothe and even eliminate the occurrence of whirl in rotary machinery
by increasing the threshold of instability through the anti-swirl injection using the linear quadratic
regulator based optimal control. An acceptance region was established in order to decide starting up the
control process. Three case studies were carried out to illustrate the effectiveness of the control scheme.
The research results demonstrate that the control scheme incorporating with the acceptance region
enables to avoid the occurrence of fluid induced instability in rotary machinery. Moreover, the developed
techniques can also be applied in other fluid-induced instability problems such as whip and rub, etc.

& 2015 Elsevier Ltd. All rights reserved.

1. Introduction

Fluid-film bearings are still commonly employed due to their
advantages of high loading capacities, simple structures and
relatively low cost, despite the fact that the average fluid circum-
ferential velocity associated with journal speed is generally a key
factor resulting in the instability of rotating machinery with
hydrodynamic bearings. Among the self-excited vibrations, whirl
is known as a popular phenomenon that causes the fluid induced
instability in a rotor-bearing system. One of the main instability
reasons is the circular forces which are generated in the rotated
motion due to the shaft rotation; furthermore, the fluid dynamic
forces between the clearances of bearings also cause negative
damping effects and lead to the fluid-induced instability. As oil
whirl begins with the rotor operating relatively close to the center
of the bearing, the whirl vibration is usually associated with a rigid
body mode of the rotor system.

Researchers in the field have considered maintaining the stability of
fluid-film bearing by a variety of techniques. The techniques may base
on the characteristics of the mechanical system by changing the
geometry and shapes of the journal bearings or oil characteristics in
use. Hearn et al. [1] showed that the varying geometry of a fluid-film
bearing could significantly decrease the vibration of a rotatingmachine.
Rylander et al. [2] theoretically verified that the film thickness, shaft
radial velocity and friction varied by 30% through modifying the shape

of an elliptical bearing. Santos and Nicoletti [3] used the closed-loop
frequency response of systems to develop a four-pad tilting-pad journal
bearing (TPJB) which changed the stiffness and the damping character-
istics of bearings. An active TPJB that used a feedback control system to
regulate the orbit of a rotating shaft was developed by Deckler and
coworkers [4]. Cai et al. [5] developed an adaptive method to control
forced vibration of rotor systems incorporating with TPJBs. Bently et al.
[6] explored an externally pressurized bearing. It differed from hydro-
dynamic bearings, in which the fluid was injected at a relatively high
pressure through several circumferentially distributed radial ports.
Cheng and Rowe [7] presented a selection strategy for the design of
externally pressurized journal bearings. Muszynska et al. [8] developed
an anti-swirl to reduce or eliminate rotor self-excited vibrations due to
fluid interaction by controlling fluid circumferential velocity. Mus-
zynska and Bently [9] proposed that the anti-swirl concept is based
on the injection of an additional flow to the seal, in tangential direction,
opposite to the direction of the shaft rotation. This flow could cause a
decrease of the shaft rotation-generated circumferential velocity of the
fluid, and improved rotor-seal stability. Amati et al. [10] investigated
the application of electromagnetic actuators in the field of rotating
machines, as aero engines, where active magnetic bearings cannot be
applied due to their weight. Fan and Pan conducted an experimental
investigation in eliminating fluid whirl by using an electromagnetic
exciter [11].

Fluid-film bearings are passive devices which are not designed to
actively compensate for the changes in their operating conditions, that
is, passive bearings cannot change the undesirable destabilization
factors. Therefore, a bearing that can compensate for the change in
such operation conditions through using active control is necessary. To
reach the aim, some types of bearings are designed to compensate for
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malfunction, such as magnetic bearings or TPJBs [3–5]. It is noted that
these supplemented devices may be costly or cause wear out, greater
mechanical losses, or increased machine stress. In power plants,
however, the journal bearing with an anti-swirl control needs no
additional air supply system since the pressure source can be acquired
from gas turbines. Additionally, it is not only easy to design but
provides three advantages including energy saving, easy acquirement
of necessary pressure and no pollution.

The elimination of whirl using the optimally controlled anti-
swirl injection associated with a designated acceptance region is
proposed in this paper. All the above-mentioned bearings designed
for eliminating the fluid-induced instability mainly employed the
amplitude of vibration as an index. More precisely, the design
procedure of linear quadratic regulator (LQR) [12–14], an optimal
control technique, is to minimize a cost function to find the optimal
state feedback gains. Thus, the performance of eliminating the
instability by using the LQR control will be better than the
conventional control scheme or pole-assignment design for the
same required control specification. Furthermore, the study applies
the LQR based anti-swirl control associated with a designated
acceptance region to eliminate the fluid-induced instability. The
design of the acceptance region has been built based on the
operation characteristics in stable state of the rotating machinery.
An experiment test rig of fluid-film bearing was designed. Particu-
larly, a spring-mass-damping model was employed in the investi-
gation for the purpose due to its structural simplicity appropriate to
the entire rotor system. The anti-swirl is introduced to change the
average circumferential velocity ratio of the rotor-bearing system,
increases the threshold of instability, and eliminate whirl instability.
Finally, three control cases with using various weighting matrices,
and one large-control-effort case resulting in a rub condition were
conducted to justify the proposed method.

2. Mathematical models

2.1. Rotor system modeling

It is assumed that the rotor system has one degree of freedom
in the complex plane and its parameters are isotropic. Then, the
rotor system is expected to be a single lumped system and
gyroscopic effects are ignored. As the rotor speed enters into the
threshold speed of instability, the shaft is located at the center of
the fluid-film bearing. At this moment in time, the shaft velocity is
zero, and the modal mass can be considered as the rotor disk
(practical mass). Two causes may interpret these assumptions.
First, the rotor is not running in a bending mode and the shaft
does not have a different phase angle between the journal and an
oilite bronze bearing; namely, the shaft velocity is zero. Thus, the
gyroscopic effect caused by the shaft and disk will have very little
effect on system eigen-values. Second, the control force is involved

when the rotating speed enters into the threshold speed of
instability. At this time, although there is a very small lateral
vibration causing a change of the system mass, this influence still
can be neglected. In addition, the model is also assumed linear,
damping is viscous only due to fluid interaction and the fluid-film
bearings are fully lubricated.

In a real mechanical system, the shaft is usually quite long.
Hence, the multi-lumped system and gyroscopic effect should be
considered for accurately computing the threshold of instability. A
method of finite element will be suitable for modeling the rotor
system that has been expressed in many other researches. How-
ever, a simpler mathematic model is enough to reach the target of
modeling for control issue to prevent the whirl occurrence in our
research. Another considered issue is that when a rotor system
runs for a long time, the increasing temperature of lubricant may
influence the viscosity. This causes the change of damping in a
large rotating machine and affects the balance resonance.

As shown in Fig. 1, the basic physical description of a rotor
system is presented. The rotor is rotating at an angular velocityΩ,
and can be described as a single, concentrated, perfectly balanced
rotor mass, M, located in the center of a fully lubricated fluid-film
bearing that is fixed in place. When the rotor is perfectly centered
in the bearing, the only forces acting on the shaft are shearing
forces associated with the fluid [15,16]. A mass-neglected shaft is
supported at the left end by an infinite stiffness bearing that
provides only lateral constraint (no angular constraint). Therefore,
rotor mass is concentrated in the disk and is supported by the
bearing. The figure also shows the free body diagram of the rotor
system with a dynamic response from the rotor model, in which
an unbalance force equivalent to an unbalance mass, m, located a
distance, ru, from the center of the rotor is included. The rotor is
displaced from the equilibrium position to a position, r. At that
position, the rotor is moving at an arbitrary instantaneous velocity,
_r. All forces acting on the rotor are assumed to act through the
center of rotor mass. The tangential force, FT, points 901 from r in
the direction of rotation. The spring force, Fs, points back toward
the equilibrium position. The damping force, FD, points in a
direction opposite to the instantaneous velocity vector _r. The
unbalance force, Fu, points outward in the direction given by
Ωtþδ. The external control force, Fe, points downward in vertical
position. Thus, the force equilibrium equation is [15]

FT þFDþFSþFeþFu ¼M €r: ð1Þ
To obtain the state-space equation, the first step is to transfer

the complex degree of freedom (DOF) model rearranged from
Eq. (1)

M €rþD_rþKr� jDλΩr¼ FeþmruΩ
2ejðΩtþδÞ; ð2Þ

where the j in the term ‘jDλΩr’ indicates that the direction of FT is 901
leading relative to r, �¼d/dt, and r(t)¼x(t)þ jy(t), into a two-real-DOF
model. Thus, the complex form of Eq. (2) can be expressed in the

Fig. 1. Physical model of the rotor-bearing system.
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directions of x and y, respectively, i.e.

M €xþD_xþKxþDλΩy¼mruΩ
2 cos ðΩtþδÞ

M €yþD_yþKy�DλΩx¼ �FeþmruΩ
2 sin ðΩtþδÞ ð3Þ

The parameter λ is the average circumferential velocity ratio of
fluid-film bearings, and can be obtained from dividing the pre-
cession speed, ω, by the rotational speed, Ω, i.e. [15]

λ¼ ω
Ω

: ð4Þ

The second step is to perform a reduction of order from the
second order differential equations to the equivalent system of first
order equations. Make a variable substitution by using a dummy
scalar variable, qi (i¼1, 2, 3, 4), and let

q1 ¼ x

q2 ¼ _x

q3 ¼ y

q4 ¼ _y

: ð5Þ

Then the state-space equation

_q1
_q2
_q3
_q4

2
66664

3
77775¼

0 1 0 0
�K
M

�D
M

�DλΩ
M 0

0 0 0 1
DλΩ
M 0 �K

M
�D
M

2
66664

3
77775

q1
q2
q3
q4

2
66664

3
77775þ

0
0
0
�1
M

2
66664

3
77775Feþ

0
cos ðΩtþδÞ

M

0
sin ðΩtþδÞ

M

2
66664

3
77775mruΩ

2

ð6Þ
can be obtained, or it can be expressed by a general form of

_x¼ AxþBeueþBuuu; ð7Þ
where x¼[q1 q2 q3 q4]T, Be¼[0 0 0–1/M]T, Bu¼[0 cos ðΩtþδÞ=M 0
sin ðΩtþδÞ=M]T, ue denotes the control input Fe, uu means the

unbalance force mruΩ2, and

A¼

0 1 0 0
�K
M

�D
M

�DλΩ
M 0

0 0 0 1
DλΩ
M 0 �K

M
�D
M

2
66664

3
77775:

For analyzing the stability of the rotor-bearing model, the
unbalance force is suppressed by the external control force to a
minimum, and assumed to be zero. Thus the unbalance term in
Eq. (7) is neglected so that the state-space equation becomes

_x¼AxþBeue: ð8Þ

2.2. Self-excited vibration

Fluid instability [15,16] was known as a dynamic phenomenon
resulting from interactions of the surrounding fluid of the bearing
in a rotor-bearing system. These interactions may produce sub-
synchronous self-excited vibrations of large amplitude that tracked
running speed. A simple mass-damper-spring system has eigen-
values that do not change with the rotating speed of rotor systems.
However, in rotor systems, the two components of eigen-values are
a function of rotor speeds, Ω. For stability analysis, a free vibration
rotor model can be written as [15,16]

M €rþD_rþðK� jDλΩÞr¼ 0: ð9Þ

Let a solution of the form be r¼Rest, the characteristic equation
can be led as

Ms2þDsþK� jDλΩ¼ 0: ð10Þ
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Fig. 2. Experimental rotor rig, (a) schematic diagram and (b) its photograph.
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Its eigenvalues are

s1;2 ¼
�D
2M

7

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
D
2M

� �2

� K
M

þ j
DλΩ
M

s
: ð11Þ

The term under the radical is the complex form. Thus, Eq. (11)
must be converted in the form where j is outside the radical. The
form of the conversion is as follows:

ffiffiffiffiffiffiffiffiffiffiffiffi
aþ jb

p
¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
a2þb2

p
þa

2

s
7 j

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
a2þb2

p
�a

2

s
: ð12Þ

When Eq. (12) is substituted into Eq. (10), the eigenvalues can
be obtained as

s1;2 ¼ γ1;2þ jωr1;2 ð13Þ

where

γ1 ¼
�D
2M

þ 1ffiffiffi
2

p

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
� K
M

þ D
2M

� �2

þ
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vuut

vuuut
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D
2M
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M
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vuut
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The threshold of instability speed, Ωth, is the speed at which
the decay rate, γ, is zero [17]. Also, it can be found by setting the
real parts equal to zero, i.e.

�D
2M

7
1ffiffiffi
2

p

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
� K
M

þ D
2M

� �2

þ

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
D
2M

� �2

� K
M

" #2

þ DλΩ
M

� �2
vuut

vuuut ¼ 0:

ð15ÞThus, the threshold of instability can be obtained as [15,16]

Ωth ¼
1
λ

ffiffiffiffiffi
K
M

r
: ð16Þ

As the rotor speed is higher than Ωth, the system will be
operating in fluid-induced instability whirl. The root locus moves
into the right half plane, and amplitudes of vibration will grow to
infinity.

Fig. 6. Cascade, orbit and time-base plots of case (I).
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2.3. Linear Quadratic Regulator (LQR)

The main object of the control here is to eliminate the
subsynchronous vibration due to the fluid-induced instability
when the rotating speed reaches to the threshold speed. In effect,
the LQR algorithm takes care of the tedious work in optimizing the
controller and it is a well-known design technique that provides
practical feedback gains. Therefore, the elimination of subsynchro-
nous vibration can be accomplished by finding the desired control
inputs that optimize the quadratic performance index, but it
involves a compromise between the transient response and the
control effort required to achieve the desired performance. The
performance index is commonly expressed as [13]

JN ¼
XN
k ¼ 0

LQR½yðkÞ; xðkÞ;uðkÞ�; ð17Þ

where k is the sample instant and N is the terminal sample instant,
y(k) is the control system outputs, x(k) is the state variable of the
rotor system or the transient response due to whirl instability and
u(k) is the control inputs to the plant. The performance index of

the rotor system (fluid injection), _x¼AxþBeue, takes the form of

JN ¼
XN
k ¼ 0

xT ðkÞQ ðkÞxðkÞþuT ðkÞRðkÞuðkÞ; ð18Þ

where Q and R, weighting matrices, are positive semi-definite and
positive definite matrices, respectively. The Q and R are the design
parameters chosen by designer to make the performance reflect
the trade-off between the transient energy and control energy. For
a physical system, it is unreasonable to have infinite control
energy. Therefore, selecting an appropriate matrix, R, can avoid
the saturation of the control inputs. The matrix Q is a diagonal
matrix, thus the selected gains Qi's constitute the diagonal terms
of matrix Q. The weight of the control, R, in the cost function is
chosen arbitrarily. Thus, it is actually selected as a positive definite
real value. Consequently, the idealized control design used here
assumes the control input in the form

uoðkÞ ¼ �KðkÞxðkÞ; ð19Þ

in which the superscript, o, denotes that the control is optimal, K
s the optimal feedback gain of the control system. The solution
of Eq. (19) can be obtained by several different approaches.

Fig. 7. Three varied stages of data on the time-base plot.
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The approach used in this study will be through the principle of
optimality, and the state feedback control that minimizes the
performance index, JN, is found, which follows a standard
approach developed by Bellman [12]. The solution is

KðkÞ ¼ ½BT
ePðkþ1ÞBeþR��1BT

ePðkþ1ÞA ð20Þ

PðkÞ ¼ATPðkþ1Þ½A�BeKðkÞ�þQ ð21Þ
with P(N)¼Q and K(N)¼0, where P is the algebraic equivalence
transform matrix. The matrices P and K are computed by iterating
backward in time. The system dynamic matrix, A, is speed-
dependent, where the rise of the rotating speed is set in a form
of slow rate. Therefore, the system is time-variant and the feed-
back gain is time-variant, too. For the discrete system, elements of
the system dynamic matrix can be considered time-invariant in
each sampling period because the interval of each sampling period
is rather short. But for a time-invariant system, the optimal
feedback gain can be solved by using Eqs. (22) and (23), which is
called the reduced-matrix Riccati equation,

ATPþPA�PTBeR�1Be
TPþQ ¼ 0 ð22Þ

K¼ R�1Be
TP: ð23Þ

This steady state solution of each sampling period can be
obtained if the FOR-loop index is set to a large value. As the

FOR-loop index is large enough, P(0) and K(0) will approach to the
solution by using Eqs. (22) and (23). Hence, the optimal input, u,
for each sampling period is found.

Before computing the feedback gain, the parameters (K, D,M, λ)
of the system dynamic matrix are required. The parameter, λ, can
be reached by using the relationship as mentioned in Eq. (4).
When the rotational speed of the rotor systemmeets the threshold
of instability, the precession speed can be acquired from the
cascade spectrum plot. Another two parameters are DS and DB;
the former is the structural damping of the shaft with a value
between 2 and 3 N s/m, and the latter is the fluid film damping
with a value between 250 and 500 N s/m. They both depend on
both the viscosity of oil and the clearance of fluid-film bearings. As
DS has a rather small value, compared with DB, it can be neglected.
The maximum value, 500 N s/m, is selected for DB in the computa-
tion of experimental data.

A simple test rig is built up to simulate the working of a
rotating machine with journal bearing, addressed in Section 3.
In the study, the mass of the rotor, 1.136 kg, is used. After
deciding λ, M and D, the parameter, K, can be obtained using
Eq. (16). When the rotational speed enters into the threshold
speed of instability, the totally stiffness can be obtained by
substituting M and λ into Eq. (16). The LQR Algorithm then
was applied to obtain the feedback gains to the controllers to
eliminate whirl.

Fig. 8. Cascade, orbit and time-base plots of case II.
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3. Measurement system and experiment procedure

3.1. Test rig

In order to observe the fluid-induced instability, an experi-
mental rotor rig was designed, constructed and tested, as shown
in Fig. 2. The rotor kit was constructed with a shaft of 9.52 mm
diameter and 550 mm length supported by a cylindrical; fluid-
lubricated bearing was made of acrylics, and driven by a 90-W AC
induction motor with a variable speed controller. One 1.136-kg
mass disk mounted on the shaft in the mid-span. The fluid-
lubricated bearing with radial clearance 0.2 mm was supplied
with SAE 10 weight oil mixed by a blue dye that allowed visual
inspection of the condition of the oil film. The adjustable radial
supporting springs (ARSS) (see Fig. 2) were connected to the rotor
through a rolling element bearing in order to set the journal at any
radial position inside the fluid-film bearing clearance. Normally, in
a rotor system without an ARSS, the journal at rest was at the
bottom of the bearing due to gravity. In order to make the fluid-
induced instability occur easily, the concentric journal position
was chosen as the initial position of the journal in the fluid-film
bearing clearance because it established the most advantageous
conditions for fluid-induced instability to occur. The rotor lateral

vibrations were measured by a pair of eddy current transducers (in
both the X and Y directions) located at the fluid-lubricated bearing
shell, and the speed transducer was installed next to the flexible
coupling to measure the rotor revolution speed. The 108 DAI was
using to capture the rotor startup and shutdown data and used the
ADREs for Windows software to process. An anti-swirl port is
designed as an additional flow to the seal, in the tangential
direction, opposite to the direction of the shaft rotation. This flow
causes a decrease of the shaft rotation-generated circumferential
velocity of the fluid, and improves rotor/seal stability. To the
purpose, the angular position of the system here is tangential to
the seal, as indicated in Fig. 1. The dimension of the section of the
injector used in the setup is 1.5 mm.

3.2. Digital signal processing (DSP) board and graphical user
interface

In order to fulfill the real time control through complicated
algorithms, the controller requires fast and powerful computation
capacity. Therefore, in this study, a high performance digital signal
processor, TI TMS320C6713 DSP chip, was employed to realize this
control task. This chip equipped with an I/O module is able to
capture vibration signals from eddy current transducers and

Fig. 9. Three varied periods of data on time-base plots.
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generate control signals according to the computation of the LQR
algorithm coded in Cþþ language. The I/O module consists of two
A/D converters, and each converter provides a totally 125 kHz
sampling rate for eight differential channels with 16-bit resolution
between 710 V.

The graphical user interface was coded through LabVIEW™ and
its graphical part indicates the instant journal vibration, tacho-
pulses of speed, and keyphasor events on the polar plot. The
acceptance region can be defined on the polar plot to monitor the
operation status. The input part allows setting the computation
parameters of LQR algorithm and the DSP card.

The control panel includes a CHINO™ digital indicating con-
troller, a Chengdus I/P transducer (Type 2104), and a directional
valve (Samson 705). The I/P transducer is an electro-hydraulic
device that converts an analog electrical signal into a directly
proportional output pressure. It accepts a wide range of supply
pressures, ranging from a minimum of 0 psi (�0 bar) above the
maximum output up to 500 psi (�34.5 bar).

3.3. Control procedure for eliminating fluid whirl

The control procedure for eliminating fluid-induced instability
was performed as the flow chart shown in Fig. 3. The eddy current
probes measure lateral vibration and convert it into a voltage
signal. The measured signal was superimposed upon a DC offset. A
DC rejecting circuit was employed to remove the bias and to

prevent the electronic circuitry from saturation. After that, the DSP
board captured the vibration signals through the I/O module, and a
logical function checked if both the amplitude and the phase of the
keyphasor dot on the polar plot within the region or not. When
the keyphasor dot was out of the region, the optimal gains were
computed recursively through the DSP board, and the control
signal from 0 to 5 V was transmitted to the P controller. The P
controller generated a current signal ranging from 3 to 15 mA
according to the control input to drive the I/P transducer for the
regulation of the output pressure. Finally, the regulated output
pressure was delivered into the fluid-film bearing until the
operation was stable.

4. Experimental results and discussions

4.1. Transmission from stability into instability

The transition of the shaft centerlines from stability to instability
is shown in Fig. 4. At the top, the time-base plot displays the process
from the steady state to the transition stage and from the transition
to the condition of whirl. While the rotor systemwas running below
3300 rpm, the time-base plot displays constant vibration ampli-
tudes, that is, the rotor system was running steadily and the phase
of the keyphasor events were locked in the same place. When the
speed of the rotor continued increasing to the threshold speed, the

Fig. 10. Cascade, orbit and time-base plots of case (III).
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rotor system reached the transition region where the amplitude of
vibration observed was increasing and its phase was changing
rapidly. Finally, the rotor system entered the whirl stage where
the waveformwas dominated by 0.47X vibration and the amplitude
of vibration was almost constant, but its phase still changing fast. At
the bottom of Fig. 4, the orbits clearly show the entire process from
stable to unstable stage. In the stable stage, the size of the orbit kept
constant. With the increase of the rotor speed, the rotor system
began to enter the unstable stage, which was not in the condition of
whirl actually, because the keyphasor event fluctuated between the
stable and the whirl stages. During this phase, the observed orbit
was growing large and its phase was changing rapidly.

4.2. Acceptance region

The acceptance region of a fluid-film bearing system can be
defined with various boundaries, depending upon the vibration
characteristics of each machine under all normal operating con-
ditions. When the rotor is stable, the trace of the orbit and the
position of key phasor dots are fixed in a certain region. As in an
instable system, the rotor operates with varied orbit trace and
keyphasor dots. In our study, the acceptance regions are evaluated

based on the boundaries area of the positions of the key-phasor
dot at the start up and shutting down periods of the system and
stable state of the journal bearing. The acceptance region format is
a rectangular coordinate plot produced by sampling vibration
vector components as a function of time. Any movements of these
vectors outside of the acceptance boundaries should be viewed
with suspicion.

Many different shapes and different amplitudes can be char-
acterized by the same position of the key-phasor dot. Therefore, in
case of whirl vibration recognition, an acceptance region for the
position of the key-phasor can be effective when correlating the
changes in the 1X vector with changes of the system and process
parameters as well as to study the 0.47X vector. Fig. 5 shows an
example of acceptance region, which can be an important clue for
detecting the existence of some malfunctions, such as fluid-
induced instability and rub, etc. Since malfunctions can cause
some changes of the position of keyphasor dots, it is a useful tool
to monitor the status of machinery.

When the system runs in a heavy load, the fluid-induced
instability will not happen. In this state, the acceptance region
can be defined for the heavy load. When the system runs in a light
load, in contrast, the journal of the shaft rotates about the center of

Fig. 11. Three varied stages of data on the time-base plot.
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the fluid-film bearing. Therefore, the instability may happen and
the acceptance region can be defined there for the light load.

4.3. Elimination of fluid-induced instability with control adjustment

A simple test rig is described in Section 3.1 to justify the
proposed technique. In the study the test-rig may be not enough
to represent the complicated machinery, such as steam-turbine
generators, which are usually modeled by the finite element
method. As for the journal bearings, the linear bearing model is
still valid for addressing the occurrence of instability, and thus the
experimentation was performed. The LQR algorithm was applied
to obtain the feedback gains to the controller to make the system
stable, as shown in Fig. 3. The whirl occurs in the journal bearing
of test rig, and the control method was applied to eliminate this
phenomenon with three case studies of various weighting
matrices, Q and R; besides, one large-control-effort case resulting
in a rub condition was conducted.

The control output is obtained from the LQR rule; therefore,
higher weighting results in a higher output. The control signal is
transmitted to the P controller through the I/P transducer for the
regulation of the output pressure to eliminate the whirl instability.
With three different experimental case studies, the injection
pressure in each considered cases I, II, III is about 1, 3 and 8 bar,
respectively.

Case (I): Q1¼10, Q2¼0, Q3¼10, Q4¼0, R¼1

In the case when the shaft centerline was out of the acceptance
region, at the moment the force caused by the actuator was
involved. The control force decreased the ratio of the average
angular velocity and stabilized the system. The measured results
of the case are shown in Fig. 6. Although the subsynchronous
vibration still exists as illustrated on the cascade plot, it is much
smaller than 1X vibration. Fig. 7 evidently shows three different
stages of data on the time-base plots. At the beginning, the rotor
system was operating in a stable phase without subsynchronous
vibration. Along with the increase of rotating speed, the rotor
system entered into the threshold of instability. As shown in the
middle plot of Fig. 7, the subsynchronous vibration was growing
rapidly; however, the control force settled the transient response
and prevented the operation from the instability. It is noted that
when the keyphasor dot is within the acceptance region, the control
force keeps in a constant value. But the rotating speed was still
increasing. Thus the constant control input just constrained the
growth of subsynchronous frequency and limited the keyphasor dot
within the acceptance region. This is why the bottom plot shows
the keyphasor dot fluctuates in a certain range of amplitudes.

Case (II): Q1¼30, Q2¼0, Q3¼30, Q4¼0, R¼1
In this case, the weighting matrix, Q, is tuned three times of the

values employed in case (I). When the shaft centerline was out of
the acceptance region, the control input caused a decrease of the
ratio of the average angular velocity and settled the transient
response of the rotor system.

Fig. 12. Cascade, orbit and time-base plots for a large control effort.
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Fig. 8 shows that the subsynchronous vibration appears on the
cascade plot when the rotating speed reaches about 3550 rpm. As
the system is stable, namely, the keyphasor dot staying within the
acceptance region, the control force will hold in a constant value.
But the continuously increasing revolution speed shifts the system
eigen-values close to the right half plane. Hence, the keyphasor
dot begins fluctuating. Fig. 9 also shows three varied periods of
data on time base plots. Again, compare with those demonstrated
in three different stages on time base plots of case (I), the
subsynchronous vibration decays faster and the residual vibration
becomes smaller.

Case (III): Q1¼100, Q2¼0, Q3¼100, Q4¼0, R¼1
In case (III), the values in weighting matrix, Q, are tuned even

larger up to ten times of case (I). As soon as the keyphasor dot was
out of the region, the control input may settle the transient
response swiftly. It is noted that in Fig. 10 the subsynchronous
vibration is absent from the cascade plot since the large weight-
ings of Q shift the eigen-values of the system far enough from the
vertical axis on the s plane. Evenwhen the revolution speed is over
3600 rpm, the eigen-values of the system are still located on the
left-hand side of plane. Therefore, there is no subsynchronous
vibration on the cascade plot. Fig. 11, three stages of time-base
plots, also shows no subsynchronous vibration.

If the weightings of the linear quadratic regulator are not
selected adequately, it may cause an unwanted condition, such
as rub. Fig. 12 displays the behavior arising from a large control
effort. It is noted that in both the orbit and cascade plots, the 0.5X
vibration excites much more evidently than 1X given that the
control input pushes the shaft to the edge of the bearing wall.

5. Conclusions

This paper proposes a method of eliminating the fluid-induced
instability whirl. The experimental results show that the anti-swirl
injection, combined with the LQR method, is effective to eliminate
this fluid-induced instability. In conclusion, the research has
reached some major achievements as follows:

– propose a fluid-whirl elimination method by means of applying
the LQR method through the combination of setting an accep-
tance region and using anti-swirl injection;

– analyze and compare the effect of choosing different combina-
tions of weightings;

– illustrate experimental results for helping understand the whirl
instability.

– can be used to develop a set of criteria for eliminating
fluid whirl;

Further studies can be considered to employ an adaptive
control theory such as model reference adaptive control or self-
tuning control to establish an accurate model to improve the fluid-
induced instability, or to add a number of the radial inlet ports to
improve the performance of the anti-swirl injection.
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